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ABSTRACT

A ductless mini-split residential heat pump with a modified
indoor coil was utilized to compare the performance of R22 and a
mixture of 34% R32/66% R134a by weight. This test was intended to
serve as an indicator of "drop-in" performance so the system was
optimized for each refrigerant by varying only the charge mass and
expansion valve setting. At the 27.8®C (82 °F) cooling test
condition the capacity and COP of the mixture were 94% and 90% of
the values for R22, respectively. Additional tests were conducted
with a liquid-suction intracycle heat exchanger. The modified
system was operated with both single-phase and two-phase
refrigerant entering the low pressure side of the liquid-suction
heat exchanger. The addition of the liquid-suction heat exchanger
showed a minimal performance improvement with the performance of
the two-phase variation being slightly higher. The best performing
liquid-suction heat exchanger variant (two-phase refrigerant on the
low pressure side) was also run with a ternary mixture of 3 0%
R32/10% R125/60% R134a, by weight. The results for this mixture
were similar to the binary mixture. To examine how well the drop-
in test results reflect the fluids performance potential an ideal
cycle computer model was used in conjunction with test data to
calculate the total UA per unit capacity for each fluid. These
results showed that the combination of this system and test
procedure penalized the mixture performance by causing it to have
a total UA per unit capacity 18.9% lower than R22. Therefore,
these drop-in results are not a true indication of the performance
potential of this mixture. The ideal cycle model was also used to
show that a pure counterflow air-to-refrigerant evaporator would be
beneficial to the performance of a cooling only unit regardless of
the heat exchange configuration of the condenser.
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INTRODUCTION

The recently invoked regulations restricting the availability
of chloroflourocarbons (CFC's) and hydrochloroflourocarbons
(HCFC's) have generated considerable interest in replacement
refrigerants. The latest revision of the Montreal Protocol
requires that a potential alternative refrigerant not be ozone
depleting. In addition, practical considerations require that a
new refrigerant also be nontoxic, nonflammable, chemically stable
and compatible with economically feasible equipment materials. An
environmentally acceptable replacement refrigerant should also be
at least as thermodynamically efficient as its predecessor in order
not to increase global warming.

Even if a substitute refrigerant met all of the above
criteria, differences in thermodynamic and transport properties
would probably necessitate some new equipment redesign. For
example, a loss in refrigerant volumetric capacity could be
compensated for by increasing compressor displacement. Changes in
pressure drops and heat transfer coefficients may require
reevaluation of pipe and heat exchanger sizes, respectively.
Equipment manufacturers can respond to these problems by
redesigning a product line to optimize the machinery for the new
refrigerant. Manufacturers may also choose to make changes in the
basic thermodynamic cycle. For example, the addition of a liquid-
suction intracycle heat exchanger has been shown to be
theoretically capable of increasing the performance of some
refrigerants [1].

For the owners of existing equipment, redesigning the system
is often not a viable option. In large tonnage applications, such
as office buildings and process industries, the existing equipment
usually represents a significant monetary investment.
Additionally, the building structure is often to some extent
designed and built around the refrigeration or HVAC system. These
two circumstances can make system replacement impractical and
prohibitively expensive. For residential applications, where
equipment costs are much lower, the labor costs of replacing major
system components could make replacing the entire system an
economically competitive alternative. In light of the considerable
expenditures faced by equipment owners, a new refrigerant that
rec[uires only minor equipment changes would be an ideal substitute.
Such alternative refrigerants are commonly referred to as "drop-in"
refrigerants.

The primary purpose of this study was to experimentally
evaluate how a zeotropic refrigerant mixture of 34% R32 and 66%
R134a by weight would perform as a drop-in replacement for R22 in
a split-system residential air-source heat pump. The system was of
a type that would normally be encountered in the field except for
the custom built indoor coil. The indoor coil was constructed with
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a large amount of instrumentation and a cross-counter flow
configuration (referenced to cooling mode) . The binary mixture
composition was selected for three reasons. First, both of its
components are not ozone depleting. Second, the mixture has a
saturated pressure-temperature relationship similar to R22. This
requirement must be satisfied so that the pressure limitations of
the equipment are not exceeded. Third, previous work at NIST
utilizing a water-to-water heat pump with counterflow heat exchange
has shown this composition to be capable of giving a volumetric
capacity and coefficient of performance (COP) equal to that of R22

[ 2 ].

To keep these tests representative of a true drop-in
refrigerant change, it was necessary to define what system
modifications would be allowed for each refrigerant. For the
purposes of this study, the only modifications that were allowed
were the adjustment of a hand operated expansion valve and the
variation of the refrigerant charge mass. In cooling mode, the
system was optimized for each refrigerant (to the extent allowed by
the previously defined drop-in restrictions) by varying the
expansion valve setting and refrigerant charge to produce a point
of maximum COP at the 35°C (95®F) rating point. To simulate the
operation of a fixed area expansion device, the 27.8®C (82 ®F) test
was run without any further system modifications. In heating mode,
the optimization procedure was repeated at the 8.3®C (47 ®F) rating
point. However, since the designed optimization procedure proved
to be governed by the condenser, and since the condenser was of a
different heat exchange configuration in the two modes (crossflow
in cooling and cross-parallel flow in heating) , there was no
practically attainable maximum COP point in heating mode.
Therefore, an operating point was selected based on practical
system considerations. The details of the optimization procedure
for both modes are explained in a subsequent section of this
report

.

At the 35®C (95®F) rating point, where performance was
optimized for each fluid, the capacity and COP of the binary
mixture were seven and eleven percent below that of R22,
respectively. Because of these poor results, and because the
mixture is composed primarily of R134a which is a fluid that should
theoretically benefit from liquid-suction heat exchange, an
additional series of tests were run with a liquid-suction heat
exchanger. The liquid-suction heat exchanger was a typical off-
the-shelf type of a practical size. Tests with the liquid-suction
heat exchanger were performed in the cooling mode only.

Finally, an additional series of tests were conducted with a
ternary mixture consisting of 30% R32, 10% R125 and 60% R134a by
weight. The ternary is one of the fluids on the ARI R22 substitute
finalist list. Because of the performance improvements shown by
the addition of the liquid-suction heat exchanger, the ternary was
tested only in cooling mode with a liquid-suction heat exchanger.
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The heat pump used in this experiment was a ductless mini-
split made by a Japanese manufacturer. Several modifications were
made to make the system more suitable to experimental work. The
compressor was replaced with a commercially available model of
approximately the same capacity. The primary reason for replacing
the compressor was to make the system compatible with the voltage
and frequency which were available in the laboratory. Other
modifications consisted of adding a suction accumulator and
replacing the system's expansion device with a hand operated
expansion valve. Additionally, the indoor coil was replaced by a
specially designed heat exchanger which acted in a cross-counter
flow pattern for the cooling mode and a cross-parallel flow pattern
for the heating mode. The instrumentation and test conditions were
as specified in ASHRAE Standard 116-1983. The instrumentation and
test apparatus were the same as ref. [3] except for the addition of
a chilled mirror dewpoint system for the measurement of humidity.

I

1

I
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BACKGROUND

A. Interpreting Pressure - Temperature Phase Diagrams

One of the most important considerations for a substitute
refrigerant is that the saturated vapor pressure should be similar
to the fluid that it is replacing. If this criterion is not met,
new systems will reguire extensive redesigns. For example, a
potential R22 substitute is the mixture of 60% R32 and 40% R125.
The high vapor pressure and high suction vapor density of this
fluid give it a much greater volumetric capacity than R22. If this
fluid were to be used as a drop-in substitute, the additional
compression work could overload the system's electric motor.
Additionally, the increased refrigerant mass flow would cause
excessive pressure drops. Difficulties may also be encountered if
the fluid pressure exceeds the pressure rating of any system
pressure vessels (i.e., compressor shell and suction accumulator).
Problems would also occur if a refrigerant with a much lower vapor
pressure were dropped-in to a system. For example, consider using
pure R134a as a drop-in replacement for R22. The lower suction
pressure and density of R134a would cause a drop in capacity that
would be unacceptable in almost any application. Therefore, it is
not feasible to drop-in a substitute fluid with a vapor pressure
much different than that of the fluid for which the system was
designed.

A simple way to ascertain the suitability of a substitute
refrigerant or refrigerant mixture is to examine the saturated
pressure temperature relationship on ln(P) vs. (-1/T) coordinates.
This type of graph is shown for the pure refrigerants R22, R134a,
R125 and R32 in Figure 1. The Figure shows that all of these
fluids have vapor pressures that are considerably different than
R22. Therefore, none of these pure fluids would make an acceptable
substitute for R22 without extensive system modifications.
However, mixtures of these fluids may match the vapor pressure of
R22.

For the sake of simplicity let us first consider a binary
mixture. For the vapor pressure of a binary zeotropic mixture to
match that of R22, the vapor pressure of R22 must be between the
vapor pressure of the mixture's pure components. From Figure 1 it
is evident that mixtures of R134a with either R125 or R32 could be
capable of producing a vapor pressure similar to that of R22. In
Figure 2, The vapor pressure is shown on ln(P) vs. (-1/T)
coordinates for R22 and the saturated liquid (bubble) and vapor
(dew) lines for the binary mixture of 34% R32 and 66% R134a by
weight. The mixture vapor pressure (the pressure that would be
measured in a vessel containing both liquid and vapor in thermal
equilibrium) is a quality dependent value that lies between the dew
and bubble line pressures. Figure 2 shows that the mixture has a

4



Figure 1 Vapor Pressure on ln(P) vs. -1/T Coordinates for the
Pure Components

TEMPERATURE ‘C (*1=)

R22 + VAPOR o LIQUID

Figure 2 Vapor Pressure on ln(P) vs. ~1/T Coordinates for R22
and the Binary Mixture of 34% R32/66% R134a by Weight
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(5) (28) (53) (80) (111)

TEMPERATURE *C (‘F)

n R22 + VAPOR (DEW) o UQUID(BUB)

Figure 3 Vapor Pressure on ln(P) vs. -1/T Coordinates for R22 and
the Ternary Mixture of 30% R32/10% R125/60% R134a by weight

vapor pressure nearly identical to R22 in the temperature range
encountered in heat pump evaporators, but it will have a vapor
pressure higher than R22 in the condensing temperature range. This
property difference will cause the mixture to have a higher
compression ratio than R22 for the same application. In Figure 3,
the same graph is shown for a ternary mixture of 30% R32, 10% R125
and 60% R134a by weight. This mixture also exhibits a saturated
vapor pressure that is not parallel to the vapor pressure of R22
over the range of temperatures encountered in residential heat pump
applications.

A ln(P) vs. (-1/T) graph such as Figure 1, can also be used to
estimate the volumetric capacity and COP of a given working fluid
relative to another. In general, the high vapor pressure fluids
(which lie to the left in Figure 1) will tend to have a high
volumetric capacity and low COP. Whereas the low vapor pressure
fluids (which lie to the right in Figure 1) will usually have a low
volumetric capacity and high COP. The tendency of the high vapor
pressure refrigerants to have higher capacities results from the
direct relationship between suction pressure and suction density.
The high suction density of these refrigerants will give them a
high volumetric capacity. The low COP of the high vapor pressure
fluids occurs because these fluids tend to have low critical
temperatures. Since the saturated liquid line of all fluids
flattens out as the critical pressure is approached, the expansion
process tends to produce more flash gas as the cycle is operated
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closer to the critical point. Additionally, the width of the two-
phase dome decreases as the critical point is approached.
Therefore, when a cycle operates near the working fluid's critical
point the shape of the two-phase dome will cause a reduction in
COP. It should be emphasized that the conclusions drawn from
Figure 1 are only general tendencies and are also dependent on the
pressure level considered. For example, since fluids can have
significantly different heat capacities the slopes of vapor
pressure curves can cross-over each other.

Additional information regarding the thermodynamic performance
of a refrigerant can be gained from examining the basis for the
ln(P) vs. (-1/T) coordinates. A well known relation from classical
thermodynamics is the Clapeyron equation

dp\ ^ hfg

dT/eat T(Vg - Vf)
( 1 )

Where h^g is the latent heat of vaporization, Vf is the saturated
liquid specific volume and Vg is the saturated vapor specific
volume. This equation can be simplified by assuming that the
liquid specific volume is negligible in comparison to the vapor
specific volume (Vg«Vg-Vf) .

dp\ _ ^fg

^/sat TVg
( 2 )

Next substitute the ideal gas law for Vg (Vg=RT/P) , assume that h^g
is constant then separate variables and integrate.

dp _ ^fg r dT
p" ^

J

( 3 )

The final result is

In P + C ( 4 )

This equation is known as the Clausius-Clapeyron equation. It
is an approximate representation of the fluids saturated vapor
pressure. The equation is applicable as long as the assumptions
implicit in its derivation remain valid. Specifically, the ideal
gas law must be approximately valid for the saturated vapor and the
latent heat of vaporization must be relatively constant over the
temperature range of interest. The most striking feature of the
Clausius-Clapeyron equation is that it is in the general linear
form y=mx+b. Figures 1-3, which are derived from accepted property
subroutines developed at NIST, are very close to linear in terms of
the ln(P) vs (-1/T) coordinates thus, the approximations used to
derive the Clausius-Clapeyron equation are felt to be valid for the
limited temperature range encountered in residential heat pump
applications.
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From our knowledge of the general linear form y=mx+b, we know
that the quantity m represents the slope of the line. In the
Clausius-Clapeyron relation, the slope of the line is represented
by hfg/R. This can be converted to a another form by eliminating
the specific gas constant (R) in terms of the universal gas
constant (R^) . The two gas constants are related by the molecular
weight (MW) of the substance.

with this substitution the Clausius-Clapeyron equation becomes

In P ^fg (MW) /-i\
^ ^

Ru \ T /

( 6 )

This result shows that with a ln(P) vs. (-1/T) graph, and knowledge
of the fluids molecular weight, the magnitude of the latent heat of
one fluid relative to another can be estimated. Alternatively, it
may be stated that the molar latent heat determines the slope.
Converting equation 3 to a definite integral between the limits of
the suction and discharge s-^ates and utilizing the universal ideal
gas coefficient of equatiul 5 :

Pd dp _ hfg (MW) pTj dT

integration yields

In

s
]P Ru JTs t2

fpdl hfg (MW) '

1 1
'

Ps Ru Ts Td

multiply both sides by ( 7-I/7 ) and take the exponential

(7)

( 8 )

I
y "ll ^fg 1 _ 1

\ 7 / Rjl ^
which explicitly shows that compression ratio is a function of the
latent heat (h^g) and molecular weight (MW) of the refrigerant. In
turn, the compressor work which is equal to the work of compression
plus the discharge flow work minus the inlet flow work

may be manipulated,
to yield:

W =

J
Pdv + PdVd Ps Vs

( 10 )

via the polytropic relationships among P-v-T,

( 11 )

8



( 12 )

substituting in from equation (9)

:

W =
7-1 PsVs{-p [(^

hfg(MW) 1

-}
which establishes compressor work with the molar latent heat (h^g

MW) . Also, since the term ^fg (MW)
is the slope of the phase line

on the ln(P) vs (-1/T) diagram a refrigerant with a steeper slope
is one that will require more specific compressor work.
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B. Single phase liquid-suction intracycle heat exchange basics

Among the many possible variations on the basic refrigeration
(vapor compression) cycle, the addition of a liquid-suction
intracycle heat exchanger is probably the simplest and easiest to
implement. This cycle modification consists of subcooling the high
pressure liquid refrigerant leaving the condenser with the low
pressure vapor leaving the evaporator. Hardware schematics for the
basic cycle and the cycle with liquid-suction heat exchange are
shown in Figure 4.

Figure 4 Hardware Schematics for Basic and Liquid-Suction
Heat Exchange Cycles

The effect of the liquid-suction heat exchanger can be easily
understood by examining both the basic cycle and the modified cycle
on pressure-enthalpy coordinates as shown in Figure 5. Refrigerant
state points on the figure that are primed refer to the modified
cycle. The figure shows that the heat exchanger produces two
competing effects. The positive effect, which tends to increase
the system capacity, is caused by the subcooling of the liquid
refrigerant from state point 3 to 3 ' . This causes a reduction in
the refrigerant quality entering the evaporator, and a commensurate
rise in the latent heat available to produce a useful refrigerating
effect. The same amount of heat removed in the subcooling process
is picked up by the vapor leaving the evaporator. This causes the
vapor to be superheated from state point 1 to 1'. The additional
superheat picked up by the vapor has a detrimental effect on system
performance for two reasons. First, the additional superheating of
the vapor causes a decrease in suction density which lowers the
refrigerant mass flow and reduces the volumetric capacity. Second,

10



Figure 5 P-H Diagram for Ba?ic and Liquid-Suction Heat
Exc’ • e Cycles

the isentropes become flatter (or sloped more to the right) as you
move further out into the superheat region. This implies that for
an isentropic compression process the enthalpy change for process
line l'-2' will be greater than that of line 1-2. The change in
enthalpy for the compression process equals the required work input
for that process. The end result is that the work of compression
per unit mass of refrigerant circulated will be greater for the
modified cycle.

The liquid-suction heat exchanger will increase cycle
efficiency if the increase in capacity is larger than the increase
in compressor work. Conversely, cycle efficiency will decrease if
the increase in compressor work is greater than the increase in
capacity. A theoretical derivation of the factors affecting
whether or not a liquid-suction heat exchanger benefits an ideal
cycle is given in reference [1]. Reference [1] shows that the
theoretical performance change produced by a liquid-suction heat
exchanger is determined by both the fluid properties and the
temperature lift of the application.
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C. Two phase liquid-suction heat exchange

A variation of the liquid-suction heat exchanger cycle can be
obtained by operating the system so that two phase refrigerant
enters the low pressure side of the liquid-suction heat exchanger.
Flooding liquid into the heat exchanger subcools the high pressure
refrigerant leaving the condenser with the high quality portion of
the phase change. Consider the cycle operated so that the fluid
exiting the liquid-suction heat exchanger is saturated vapor. The
pressure-enthalpy diagram for this cycle is shown superimposed on
the basic cycle in Figure 6.

Figure 6 P-H Diagram for Two-Phase Liquid-Suction Heat
Exchange Cycle

In Figure 6 , the subcooling of the liquid refrigerant from
state point 3 to 3 ' causes the evaporator entering quality to
decrease from 4 to 4 ' . This produces a rise in the latent heat
available for producing a useful refrigerating effect. Unlike the
single phase liquid-suction heat exchanger cycle, there is no
superheating of the suction vapor. All of the heat removed from
the high pressure liquid is added to the end of the vaporization
process. The latent heat available for producing useful
refrigeration effect is reduced on the right side of the dome by
the same amount that it was increased on the left. Consequently,
there is no net increase in capacity. Since the state points
entering and leaving the compressor (points 1 and 2) have not
changed, the work of compression is also unchanged from the basic
cycle. Since neither capacity nor compression work has changed
from the basic cycle, the ideal COP of the two-phase liquid-suction

12



heat exchanger cycle would appear to be the same as the ideal basic
cycle.

Although this modification produces no theoretical or ideal
cycle efficiency change for single component working fluids, for
zeotropic mixtures the modification does have an effect. The
temperature-entropy graph for the pure fluid is shown in Fig. 7, and
for the zeotropic mixture in Fig. 8. For the pure fluid the
evaporating temperature is a function of the pressure only. Since

Figure 7 T-S Diagram for Pure Figure 8 T-S Diagram for
Fluid Two-Phase Liquid-Suction Zeotropic Mixture Two-Phase

Heat Exchange Liquid-Suction Heat Exchange

the ideal evaporation process occurs along an isobar, as shown in
figure 6, the evaporation temperature is also constant. However,
for a zeotropic mixture the isobaric vaporization process involves
a change in temperature due to the preferential evaporation of the
more volatile component. That is, since the composition of the
remaining liquid is continuously changing, the evaporating
temperature is also changing. The mixture's variable temperature
phase change is referred to as the temperature glide.

In Figures 7 and 8 the enthalpy changes (dh) on both sides of
the dome are equal. However, Figure 8 shows that for a zeotropic
mixture the average temperatures of the enthalpy increments are not
equal. Therefore, for a mixture the two phase liquid-suction heat
exchanger has resulted in a trade of high quality-high temperature
fluid for low quality-low temperature fluid. In other words, the
average temperature of the vaporization process has been reduced
without reducing the vaporization pressure. Assuming the
refrigeration system would establish its refrigerant flow rate such
that the capacities of both systems were the same, then the average

13



temperature differences between the respective refrigerants and
sensible fluids (i.e., air or water) would be the same, but the
mixture would be at a higher evaporator pressure thus, reducing the
compressor work [4]. An additional benefit of this cycle
modification is that the evaporator effectiveness will be enhanced
because the entire heat exchanger will be exposed to two-phase
refrigerant.
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DROP-IN TEST PROCEDURE

A drop-in refrigerant, by definition, should require only
minor equipment changes that can be accomplished in the field and
give performance similar to the refrigerant that it is replacing.
For a residential system, such as the one tested, replacement (or
readjustment) of the expansion device would be the only system
hardware modification that would be considered minor. Since the
mass of the drop-in refrigerant charge is not a hardware
modification, it will also be varied to optimize the system
performance. The following test procedure was developed to
optimize system performance (i.e., COP) for each refrigerant within
the previously outlined context of a drop-in refrigerant.

In cooling mode, the optimum performance point was determined
by finding the charge and valve setting combination that produced
the highest efficiency at the 35®C (95®F) rating point. The
results of this process are shown for pure R22 and for the mixture
in Figures 9 and 10, respectively. In all tests used to produce
these figures, the refrigerant charge was adjusted to give the
desired value of subcooling, while the expansion valve was adjusted
to keep between 1.67 and 2.78®C (3-5 ®F) of superheat leaving the
indoor coil. By adjusting the valve for a minimum of superheat
leaving the indoor coil, the highest capacity was obtained, thereby
optimizing the performance for each value of subcooling. Figures
9 and 10 show that the optimum values of subcooling were
approximately 5.56®C (10®F) for R22 and 2.78®C (5®F) for the
mixture. Once the optimum value of subcooling was found, the
27.8®C (82 ®F) degree cooling test was performed at the same
expansion valve setting and refrigerant charge.

Assuming that most residential heat pumps would have two fixed
area expansion devices, one for heating and one for cooling, it
would seem reasonable to readjust the expansion valve for the
heating mode. However, simply readjusting the expansion valve with
the same refrigerant charge mass, may or may not produce the best
possible performance in heating mode. Therefore, the refrigerant
charge was varied in heating mode and performance was optimized
exactly as was done in the cooling mode. In practice, a
manufacturer can accommodate a different optimum refrigerant charge
between the two modes by the strategic allocation of system volume.
For example, a line that has no heat transfer but contains vapor in
one mode and liquid in another can accommodate the excess charge
between the two modes.
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(95®F) Rating Point

Suboooling*C (*F)

Figure 10 34% R32/66% R134a cooling mode charge optimization
at the 35®C (95®F) rating point
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The heating mode optimum performance point was determined at
the 8.33®C (47 ®F) degree rating point by adjusting the valve to
produce a minimum of superheat while adjusting the refrigerant
charge to produce different amounts of subcooling. The results of
the heating mode optimization procedure for R22 are shown in Figure
11. The figure shows that the relationship between subcooling and
COP is not the same for the heating mode as for the cooling mode.
The figure does not display the same type of maximum-minima
relationship that was seen in cooling mode.

3.02

3.9
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3M

3.84

3.82

3J

3.78

3.78

a74

Figure 11 R22 Heating Mode Optimization of Charge and
Expansion Valve Setting at the 8.33®C (47 ®F) Rating point

SubooolIng'C (*F)

Clearly the maximum COP in Figure 11 would occur if the
refrigerant was leaving the condenser at the saturation point.
However, it is impractical to operate a system in this manner
because all subcooling would be lost for a small drop in outdoor
temperature. Consider a system with a constant area expansion
device operating in the heating mode at steady state conditions.
As the outside temperature falls, the evaporator temperature and
pressure will decrease commensurately . Since the indoor
temperature remains relatively constant, the high side pressure
will also remain relatively constant. Therefore, the compressor
will pump less refrigerant due to the lower suction vapor density
and increased compression ratio. However, the expansion device
will continue to pass the same amount of refrigerant if it is
insensitive to changes in low side conditions (i.e., choked flow
condition) [5]. Because the expansion device is now passing more
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refrigerant than the compressor is pumping, the refrigerant will
migrate to the low pressure side of the system where it will
collect in the suction accumulator. As the refrigerant migration
proceeds the condenser will contain progressively less liquid. The
migration of refrigerant cannot proceed indefinitely, so the system
must adjust itself to achieve a new steady state. Fortunately, the
expansion device mass flow rate is directly proportional to the
high-side pressure and the liquid subcooling. The high-side
pressure has remained constant, but the liquid subcooling is
determined by the amount of liquid in the condenser. Therefore, as
the condenser is depleted of liquid the system loses subcooling.
Since the amount of refrigerant passed by the expansion device is
directly proportional to the amount of subcooling, the gradual loss
of subcooling causes a gradual decrease in the expansion device
mass flow rate. When the expansion device mass flow becomes equal
to the compressor mass flow, a new steady state equilibrium
condition will be reached. This new equilibrium condition will
have less subcooling and may even have two phase refrigerant
entering the expansion device.

Since any refrigera^^ that leaves the condenser in the vapor
state cannot produce a use^ ^ refrigerating effect, the complete
loss of subcooling is undesirable. Therefore, operating a system
with saturated liquid leaving the condenser at the 8.33®C (47 ®F)
heating condition would cause an extreme loss of subcooling at the
-8.33®C (17®F) heating condition. This would be detrimental to
system performance. Since there was no clear point of optimum
performance in heating mode, the expansion valve was adjusted for
a practical minimum of subcooling.

As previously described, the "drop-in" procedure was designed
to optimize the machinery for each refrigerant within the limits
allowed by the drop-in definition (i.e., changes in charge mass and
expansion valve setting only) . In this context, optimization of
the machinery implies that the refrigerant charge be adjusted to
find the point of maximum COP. Changing the refrigerant charge
causes changes in the COP by affecting the liquid subcooling and
the cycle temperature lift. For example, a minimal amount of
subcooling causes a high evaporator entering quality. This reduces
the latent heat of vaporization available to produce a useful
refrigerating effect. Consequently, the capacity and COP are both
penalized. As the subcooling is increased the evaporator entering
quality is decreased. This allows a greater portion of the latent
heat of vaporization to produce a useful refrigerating effect.
This will cause both capacity and COP to increase. However,
increasing the subcooling also produces a concurrent rise in
condenser pressure. The condenser pressure increases because a
greater fraction of the condenser surface area becomes dedicated to
subcooling the liquid. Consequently, there is less surface area
available to reject the vapor superheat and the latent heat of
condensation. Since the condenser UA value and entering air
temperature are constant, the average condensing temperature and

18



pressure will rise. Since the low-side pressure remains
practically constant, the result is an increased compression ratio
and cycle temperature lift. This causes the refrigerant mass flow
to go down and the compression work per pound of refrigerant
circulated to go up. Both of these factors will produce reductions
in capacity and COP. In summary, increases in subcooling produce
two competing effects; a greater available latent heat increases
the COP, while the increased condenser pressure reduces it.

Although Figures 9, 10 and 11 were all produced by the same
optimization procedure, they each have distinctly different
functional relationships between COP and degree of subcooling. The
capacity and power input are shown for the optimization process as
functions of the subcooling in Figures 12 and 13, respectively.
Each curve in these figures corresponds to one of the optimization

Subcooling ”C fF)

R22 cool (x-flow) + R22 heat (x-para) o mix cool (x-flov^

Figure 12 Variation of Capacity
With Subcooling

Subcooling *C (*F)

R22 cool (x-ftow) + R22 heat (x-para) o mix cool (x-flow)

Figure 13 Variation of Power
With Subcooling

curves shown in Figures 9, 10 and 11. In Figures 12 and 13 the
notations in parenthesis refer to the heat exchange configuration
of the condenser. Specifically, "x-flow" refers to crossflow and
"x-para" refers to a cross-parallel flow configuration. In all
cases the capacity increase is a linear function of the subcooling,
but the compression work or power input is a non-linear function of
the subcooling. As stated previously, an increase in subcooling
produces two competing effects; capacity is increased due to lower
evaporator entering quality and compression work is increased due
to the larger compression ratio. The shape of the COP optimization
curve ultimately depends on the relative magnitude of these two
effects.

Since the capacity and power are respectively linear and non-
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linear functions of the subcooling, the shape of the optimization
curve will be most strongly influenced by the power. Considering
the cooling mode, Figure 13 shows the mixture to have a greater
power increase for an equivalent amount of subcooling. This fact
is illustrated by the relative lengths of line segments A and B.

If we recall the expression for the compression work per unit mass
(Equation 11) and recognize that Pg and Vg are constant for each
optimization curve, we see that the power increase is determined
solely by the ratio P^j/Pg. Therefore, we can replace Figure 13
with a plot of the condenser pressure against the subcooling as
shown in Figure 14. Further evidence that the pressure increase is
solely responsible for the power increase comes from the fact that
Figures 13 and 14 have identical shapes.

Figure 14 Variation of Condenser Pressure With Subcooling

The motivation for substituting the pressure increase versus
subcooling (Fig. 14) for the power increase (Fig. 13) is that the
pressure change with subcooling can be easily explained on the
basis of the ln(P) vs. (-1/T) graph for the two fluids. Referring
to Figure 2, the mixture has a greater slope than R22. Therefore,
an equal increase in condensing temperature will produce a greater
pressure increase for the mixture than for R22. Similar to Figure
13, the pressure changes for equivalent amounts of subcooling are
shown in Figure 14 by the relative lengths of line segments A and
B. In summary, the larger slope of the pressure-temperature
relationship of the mixture relative to R22 causes a faster rise in
condenser pressure (and thus compressor power) as the subcooling is
increased. Therefore, as shown in Figures 9 and 10 the mixture
shows a sharper COP peak at lower values of subcooling than R22.
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In heating mode, the optimization curve shown in Figure 11 has
no optimum point as in Figures 9 and 10. The reason for this is
that the optimization procedure was designed to hold low-side
parameters (pressure and superheat) fixed while the high-side
parameters (pressure and subcooling) were varied. Therefore, the
process is only sensitive to the fluid properties and the heat
exchange configuration of the condenser. In a given mode (heating
or cooling) , the condenser configuration is the same for both
fluids. Therefore, the different optimization curve shapes were
determined by the difference in fluid properties. However, when
the operating mode is switched from cooling to heating the
condenser configuration is different. In the cooling mode, the
nearly pure crossflow outdoor coil serves as the condenser.
Whereas, in heating mode, the cross-parallel flow indoor coil
(which was a cross-counter flow evaporator in the cooling mode)
serves as the condenser. Since Figures 9 (R22 cooling mode) and 11
(R22 heating mode) are for the same fluid, the lack of an optimum
point in Figure 11 must be attributed to the difference in
condenser configuration.

The effect of condense’^ •'onfiguration can be easily understood
by considering what happ'c in the condenser as subcooling is
increased. As refrigerant ±s added to increase the subcooling,
progressively more of the condenser volume becomes occupied with
liquid. For all types of heat exchanger geometries this cuts down
on the surface area available for condensation and causes the
condensing temperature and pressure to rise. Additionally, since
the last portion of the heat exchanger now has a single phase fluid
on both sides (air and refrigerant liquid) the temperatures of the
two fluids will approach each other. If the heat exchanger is
crossflow the refrigerant will always approach the same entering
air temperature. If the heat exchanger is cross-parallel flow, the
refrigerant liquid will approach the leaving air temperature. Since
the leaving air has already picked up the heat of condensation from
the refrigerant its temperature will be higher than the entering
air. Since increased subcooling causes both the capacity and the
rejected heat to be higher, the leaving refrigerant liquid will
approach a higher air temperature for higher values of subcooling.
Consequently, for an equal increase in subcooling the increase in
compressor power and condenser pressure will be larger for a cross-
parallel flow condenser than a crossflow condenser. This fact is
illustrated in Figures 13 and 14 by the length of line segment C.

The magnitude of the condenser pressure rise associated with
increased subcooling has been shown to be determined by both fluid
properties and the heat exchange configuration of the condenser.
Separate cases have been identified where an increase in subcooling
either increased or decreased the COP, and if it existed an optimum
amount of subcooling was found. The relationship between
subcooling and COP can be changed with the addition of a liquid-
suction heat exchanger. For example, at the 47 ®F heating condition
the cross-parallel condenser causes the point of optimum COP to
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occur with saturated liquid leaving the condenser (see Fig. 11).
However, it was previously pointed out that it is impractical to
operate the system with no subcooling at this condition. With a
liquid-suction heat exchanger subcooling can be accomplished
outside of the condenser so that there is no performance penalty
caused by increased condenser pressure. However, this does imply
that as the outside temperature falls refrigerant will be
condensing in the liquid-suction heat exchanger. The ramifications
of this must be considered.

In cooling mode, the liquid-suction heat exchanger can also be
used to produce subcooling outside of the condenser. Similar to
heating mode, the refrigerant can then be allowed to leave the
condenser as a saturated liquid. The result will be a lower
average condensing temperature. Performing all of the subcooling
in a liquid-suction heat exchanger may or may not increase COP
since there are other factors involved (see section on liquid-
suction heat exchange)

.
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DROP-IN TEST RESULTS

The cooling mode test results are shown in Table 1 for both
R22 and the mixture. The heating mode test results are shown in
Table 2. It should be noted that the discharge line temperatures
in Tables 1 and 2 are unusually low for the -8.33°C (17°F) heating
test, which would ordinarily have the highest discharge line
temperature. These low discharge line temperatures result from the
large compressor shell heat loss that is characteristic of the
compressor used in this study. The compressor manufacturer
indicated that the compressor was designed with high side motor
cooling. Additionally, the flow of discharge gas was configured so
that the compressor shell would act as an internal oil separator.
The combination of these two factors increases the potential for
heat transfer between the discharge gas and the compressor shell.
Since the relevant heat transfer modes between the shell and the
environment (natural convection and radiation) are both
proportional to the temperature difference between the shell and
the environment, the total heat loss from the discharge gas is also
directly proportional to this temperature difference. This implies
that a discharge temperature which is measured outside of the
compressor shell, is not necessarily representative of the
temperature at the discharge valve. Although more representative
discharge temperatures could have been obtained by increasing the
insulation on the compressor shell, caution was exercised to avoid
overheating the motor.

The large compressor shell heat loss present in this apparatus
also complicates the taking of composition samples from the
discharge line. As can be seen in Table 2, the refrigerant in the
discharge line is in a state of saturation for the -8.33®C (17®F)
heating mode tests. (This is probably due to condensate forming on
the relatively cool line walls) . If a composition sample were
taken here, it could be incorrect due to the composition difference
between the liquid and vapor phases of a refrigerant mixture. This
problem was circumvented by electrically heating a section of the
discharge line to insure that the sample was drawn from superheated
refrigerant.

A summary of the mixture performance relative to that of R22
at the four rating points is shown in Table 3 . The values in this
table are normalized by the R22 results for the same test. The
capacity for the rating points of both R22 and the mixture are also
presented graphically in Figure 15. This figure clearly shows the
capacity increase of the mixture due to the passive composition
shift at the -8.33®C (17®F) heating test.
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TABLE 3. NORMALIZED PERFORMANCE VALUES

TEST CONDITION NORMALIZED NORMALIZED NORMALIZED
oc (op) CAPACITY COP POWER

COOLING
35 (95)

0.930 0.890 1.044

COOLING
27.8 (82)

0.943 0.902 1.045

HEATING
8.33 (47)

0.927 0.906 1.024

HEATING
-8.33 (17)

1.042 0.902 1.155

(10) (30) (50) (70) (90)

OUTDOOR TEMPERATURE 'C ("F)

° R22 HEATING + MIXTURE HEATING « R22CX)OUNG a MIXTURE COOUNG

Figure 15 Capacity at the rating points for R22 and the
mixture

26



ANALYSIS OF DROP-IN TEST RESULTS

Based on the normalized test results shown in Table 3, the
mixture test composition of 34% R32 and 66% R134a by weight will
yield a lower capacity and COP than the R22 it is replacing in this
system. From an equipment owner's standpoint, a drop in COP would
present an economic burden due to increased operating costs.
Although this is undesirable, it would have the advantage of not
requiring replacement of the equipment. However, a similar loss in
capacity may be intolerable if the equipment no longer meets the
load.

The reason for the mixture's lower capacity can be explained
on a theoretical basis by examining the product of suction density
and the available enthalpy (or latent heat) of vaporization. The
available latent heat represents the amount of refrigeration effect
produced per pound of refrigerant circulated, and the suction
density is a measure of the refrigerant circulated per unit volume
of compressor displacement. The product of these two quantities,
which has units of kJ/m^ (Btu/ft^) , represents the volumetric
capacity of the refrigerant. The 35®C (95®F) cooling mode values
of this product, for R22 and the mixture, are shown in Table 4.
Table 4 also shows the suction density at the compressor inlet and
the available enthalpy of vaporization. The available enthalpy of
vaporization is calculated by assuming an isenthalpic expansion.
Table 4 shows the ratio of the mixture capacity to the R22 capacity
from the test data to be nearly the same as that calculated from
the available latent heat suction density product. The excellent
agreement between these two ratios suggests that the product of
available latent heat and suction density is a good measure of a
refrigerant's theoretical capacity potential at a given evaporator
pressure.

Further comparisons between the two refrigerants performance
in this system can be facilitated by plotting both cycles on P-H
coordinates. A P-H diagram for the 35®C (95®F) cooling test is
shown for R22 and the mixture in Figure 16. This figure shows that
the pressure lift of the mixture cycle is considerably higher.
Figure 16 dramatically points out that the mixture has a latent
heat of vaporization much greater than R22. Considered by itself,
the higher latent heat would indicate that the mixture should have
a higher capacity. However, the test data shows that R22 has a
higher capacity. This fact again reinforces the importance of
considering the product of latent heat and suction density, as the
primary measure of a refrigerant's volumetric capacity.
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It is instructive to plot both the R22 and the mixture cycles
on T-S coordinates. A T-S diagram for the 35®C (95®F) cooling test
is shown for R22 and the mixture in Figure 17. A comparison of the
P-H and T-S diagrams reaffirms what was previously shown from ln(P)
vs. (-1/T) diagrams; for equal average condensing temperatures the
mixture will have a higher discharge pressure.
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TABLE 4

REFRIGERANT CAPACITY POTENTIAL: 35°C
(95°F) COOLING MODE PERFORMANCE COMPARISON

35®C (95®F) COOLING R22 34% R32
66% R134a

TOTAL CAP. W (BTU/H) 2556 (8720) 2376 (8106)

SENS CAP. W (BTU/H) 1918 (6545) 1843 (6287)

LATENT CAP. W (BTU/H) 637 (2175) 533 (1819)

LATENT FRACTION 0.249 0.224

POWER (W) 743.3 776.3

COP 3.437 3 . 059

(Q MIX)/(Q R22) 0.930

(POWER MIX) /(POWER R22) 1.044

(COP MIX) /(COP R22) 0.890

DISCH PRESS kPa (PSIA) 1824 (264.5) 1927 (279.5)

SUCT PRESS kPa (PSIA) 618 (89.7) 561 (81.3)

DISCH/SUCT 2.949 3.438

SUBCOOLING “C («F) 5.7 (10.2) 4.4 (7.9)

SUPERHEAT «C (®F) 1.6 (2.9) 4.2 (7.5)

SUCT DENSITY p 24.5339 19.3295
kg/m^ (LB/FT^) (1.5316) (1.2067)

REFRIGERANT Ah 159.96 186.75
kJ/kg (BTU/LB) (68.77) (80.29)

n*Ah 3924.44 3609.78
kJ/m^ (BTU/FT^) (105.328) (96.886)

PERFORMANCE POTENTIAL 0.920
(MIX p*Ah)/(R22 p*Ah)

CALCULATED REF. MASS 0.957 0.762
FLOW RATE (2.11) (1.68)

kg/min (LB/MIN)
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ENTHALPY kJ/kg (Btu/lb)

- 34% R32/66% R134a — R22

Figure 16 P-H diagram for R22 and 34% R32/66% R134a

ENTROPY kJ/kg-k (Btu/lb-R)

- 34% R32/66% R134a - R22

Figure 17 T-S Diagram for R22 and 34% R32/66% R134a
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Although the fluid properties of the mixture produced a lower
capacity and COP than R22 at the operating conditions shown in
Table A, there are certain aspects of the test procedure that
produced conditions somewhat biased against the mixture. For
example, Table 4 shows that the optimized test superheat was 1.6®C
(2.9®F) for R22 and 4.2®C (7.5®F) for the mixture. The additional
superheat of the mixture test decreased the capacity and increased
the work of compression. Consequently, the mixture refrigerant
charge was not as well optimized for the machine as was the R22
charge. The additional superheat imposed on the mixture test was
a result of inaccuracies in the thermodynamic property program. A
subsequent version of the property program which was able to
correctly represent R32 mixtures was received after testing was
completed. It was unknown at the time of testing that the
superheat was higher for the mixture.

Another aspect of the test procedure which tends to penalize
the mixture performance was the decision to adjust the expansion
valve for equal amounts of superheat. With this valve adjustment
criterion, the mixture's temperature glide causes it to have a
lower average evaporator temperature than R22. The lower average
evaporator temperature of the mixture is evident in the T-S diagram
(Figure 17) and in the evaporator temperature profiles for the
27.8®C (82 ®F) cooling test which are shown in Figures 18 and 19.
The 27.8®C (82®F) cooling test

Bottom Circuit Evaporator
Temperature Profiles

was selected for these figures

TOP ORCurr evap temp profile
27.8-C (82* F) COOUNQ

R22 + 34% R32/66% R134a

Figure 19 Cooling Mode
Top Circuit Temperature

Profiles

because the starved evaporator that is characteristic of this test
causes the refrigerant to closely approach the entering air
temperature. Consequently, both evaporator circuits for each fluid
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have approximately the same amount of superheat. The performance
penalty caused by the mixture's lower average evaporator
temperature is a result of the corresponding lower evaporator
pressure. The lower pressure decreases the suction density and
increases the compression ratio.

An alternative test procedure would be to adjust the expansion
valve to produce the same average saturation temperatures in the
evaporator for both the mixture and R22. Assuming that both fluids
would leave the evaporator at approximately the same temperature
(equal approach temperature) , adjusting the valve for equal average
saturation temperatures would cause the mixture to have less
superheat than the pure fluid. This procedure would give the
mixture a higher saturation pressure than it would have if the
valve was adjusted for the same superheat as the pure fluid. The
higher suction pressure would increase the suction density and
decrease the compression ratio. The net result would be to
increase the mixture's performance relative to R22. However, this
test procedure may be viewed as biasing the results in favor of the
mixture

.

The bottom line is that the effect of the test procedure and
the equipment must be considered when comparing refrigerants in a
drop-in context. In a larger sense, it brings into question the
whole concept of comparing the performance of any two refrigerants
in the same machine and claiming one to be superior to the other.
Each refrigerant requires a unique system design if the refrigerant
is to achieve its full performance potential. In general, as the
vapor pressure and temperature glide of the fluids being compared
gets farther apart, the validity of drop-in comparisons becomes
more suspect.
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LEGITIMACY OF THE DROP-IN TEST AS A BASIS
FOR COMPARING THE TWO REFRIGERANTS

An unbiased method of comparing pure and zeotropic mixed
refrigerants was suggested by McLinden and Radermacher [6]. They
proposed that refrigerants be compared by holding constant the
total UA of both heat exchangers per unit capacity. The effect of
this comparison criteria is to have an equal heat flux for each
refrigerant compared. To evaluate the validity of the drop-in
tests conducted in this study the degree to which this criteria has
been satisfied should be examined. However, it was not possible to
accurately calculate UA from the experimental data because the air
temperature profile through the heat exchanger was unknown, and the
assumptions needed for the calculation of a log mean temperature
difference were not met (i.e., the specific heat and heat transfer
coefficient were not constant)

.

Because UA could not be accurately calculated from
experimental data, a semi-theoretical cycle model developed at NIST
called CYCLEll [7] was used. The program has the capability to
simulate both counterflow and crossflow heat exchangers with values
for pressure drops, subcooling, superheat and compressor polytropic
efficiency specified as inputs. The program considers the
expansion process as isenthalpic. Additional inputs are the
volumetric displacement of the compressor and the UA value for each
heat exchanger. Although the absolute value of the results from an
ideal cycle model will not reflect that of lab data, the results
can be used on a relative basis.

A demonstration of the ideal cycle model's ability to
accurately reflect relative changes in cycle performance is
summarized in Table 5. The table shows the experimental and ideal
cycle values of capacity, COP and power input normalized by the R22
values for each case. The program results were calculated by
inputting the values for pressure drop, subcooling, superheat and
temperature change of the air streams (referred to as the heat
transfer fluid (HTF) temperature glide) from the experimental data.
The program was then iterated with different UA values until the
system pressures matched the experimental data. The fact that the
computer simulated ratios agreed with the actual data ratios
supports the use of the ideal cycle model to forecast relative
trends in cycle performance.
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TABLE 5. VERIFICATION OF CYCLEll AS A TOOL FOR PREDICTING
RELATIVE PERFORMANCE TRENDS

TEST CONDITION
AND TYPE

NORMALIZED
CAPACITY

NORMALIZED
COP

NORMALIZED
POWER

LAB DATA
COOLING

35®C (SS^F)

0.930 0.890 1.044

COMPUTER MODEL
COOLING

35«C (95«F)

0.935 0.901 1.038

Since the ideal cycle computer projections have been shown to
be reasonable on a relative basis, they can be used to calculate
the UA values for the heat exchangers. The results of the
calculated UA values for the same program inputs as Table 5 are
shown in Table 6. The absolute value of the UA numbers reported in
Table 6 are a function of the compressor displacement used in the
program. Therefore, it must be stressed that these values are to
be interpreted on a relative basis only.

TABLE 6. CYCLEll RELATIVE UA CALCULATIONS

REFRIGERANT UA evap
W/®C (Btu/h-®F)

UA cond
W/^C (Btu/h-®F)

UA total/Qe
1/oC (1/®F)

R22 422 781 0.0975
(800) (1480) (0.1755)

34% R32 295 617 0.0791
66% R134a (560) (1170) (0.1424)

% DIFFERENCE 30.0% 20.9% 18.9%
(R22-MIX) /R22

As shown in Table 6, the large difference in total UA per unit
capacity (18.9%) produced by the combination of heat pump and test
procedure utilized for this drop-in test biases the results in
favor of R22. The test results do not reflect the performance
potential of the mixture since the equipment has unduly handicapped
the mixture performance. Under these circumstances, the test
cannot be considered a fair and valid comparison of the fluids.

The reason for the decreased UA of the mixture should be
considered. Since the area (A) and the compressor volumetric
displacement were both constant for all tests, the changes must
have occurred in the heat conductance (U) . For a given internal
surface, the factors that affect the value of U are the
refrigerant's transport properties, the refrigerant mass flow
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(velocity) and the interaction between the refrigerant and the
lubricating oil. The refrigerant mass flow is proportional to the
suction density and was calculated in Table 4 to be 20.4% lower for
the mixture. The effects of the transport property differences and
oil interactions are more difficult to characterize and will not be
addressed in this report.
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LIQUID-SUCTION HEAT EXCHANGER TESTS

Because of its theoretical potential for performance
improvement an additional series of tests were conducted with a
liquid-suction heat exchanger. The heat exchanger was a typical
off-the-shelf variety, and was installed in the suction line
between the indoor coil and the reversing valve. Since the
location of the heat exchanger would have to be changed for the
heating mode, heat exchanger tests were performed only in the
cooling mode. As described previously, there are two possible ways
to operate the system with the liquid-suction heat exchanger. The
expansion valve can be adjusted so that the low pressure side of
the heat exchanger contains single phase vapor only, or the valve
can be set so that low pressure liquid refrigerant floods into the
heat exchanger. Both types of tests were performed in this study.
The performance of the system modified with a liquid-suction heat
exchanger normalized by the unmodified R22 performance values are
shown in Table 7. The normalized cooling mode values from Table 3

are reproduced for comparison purposes. The symbol 0 denotes the
phase of the low pressure frigerant entering the liquid-suction
heat exchanger. For all tut results shown in table 7, except those
that are marked with an asterisk, the expansion valve was adjusted
at the 35®C (95®F) test condition. For the results marked with an
asterisk the expansion valve was adjusted at the 27.8®C (82 ®F)
condition.

TABLE 7. NORMALIZED PERFORMANCE WITH THE LIQUID-SUCTION HEAT
EXCHANGER

TEST CONDITION AND
TYPE ®C (®F)

NORMALIZED
CAPACITY

NORMALIZED
COP .

NORMALIZED
POWER

35 (95) NO HX 0.930 0.890 1.044

HX 1-0 0.950 0.901 1.054

HX 2-0 0.956 0.906 1.055

* HX 2-0 0.950 0.899 1.056

27.8 (82) NO HX 0.943 0.902 1.045

HX 1-0 0.910 0.872 1.044

HX 2-0 0.916 0.880 1.041

ADJ. VALVE * HX 2-0 0.966 0.919 1.051

An interesting aspect of the results shown in Table 7 is that
for all tests where the expansion valve was adjusted at the 35®C
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(95®F) test condition the performance of the liquid-suction heat
exchanger cycle at the 27.8®C (82 ®F) test condition was worse than
the unmodified cycle. The decreased performance at the 27.8®C
(82 ®F) test condition was a result of the test being designed to
simulate a fixed area expansion device. Therefore, when the valve
was adjusted at the 35 ®C (95®F) condition no further valve
adjustments were made at the 27.8®C (82 ®F) test condition. For a
given fixed area expansion device, the amount of refrigerant fed to
the coil is directly proportional to the pressure drop across the
valve and the amount of subcooling. In the unmodified basic cycle,
when the expansion valve was adjusted at the 35 ®C (95®F) condition
the lower discharge pressure of the 27.8®C (82 ®F) condition causes
the evaporator to be starved. In the liquid-suction heat exchanger
cycle the additional subcooling produced by the heat exchanger
caused the 35®C (95®F) expansion valve setting to be more
restrictive than the unmodified cycle. Therefore, at the 27.8®C
(82 ®F) test the indoor coil was starved even more with the liquid-
suction heat exchanger.

Because of the performance penalty suffered by the liquid-
suction heat exchanger cycle at the 27.8®C (82®F) test condition,
the test procedure was modified by adjusting the expansion valve at
the 27.8®C (82 ®F) test condition. This test is marked with an
asterisk in Table 5. The valve was adjusted so that the vapor
entering the liquid-suction heat exchanger was as close as possible
to being saturated. The 35®C (95®F) test was then operated at the
same valve setting. Table 7 shows that this method of expansion
valve adjustment produces better performance at the 27.8®C (82 ®F)
test condition with a 35®C (95®F) performance virtually identical
to the other valve adjustment method.

ANALYSIS OF SINGLE PHASE LIQUID-SUCTION
HEAT EXCHANGE RESULTS

Table 7 shows that the performance increase for the single
phase liquid-suction heat exchange cycle is two percent for both
capacity and COP. However, it may be possible to increase this
performance benefit by resizing the liquid-suction heat exchanger.
Referring back to Figure 5, we recall that the enthalpy increments
1-1' and 3-3' must be equal. The absolute value of these enthalpy
changes represents the amount of heat transferred in the liquid-
suction heat exchanger. From basic heat exchanger theory, the
amount of heat transferred is limited by the fluid stream with the
smaller heat capacity. Where heat capacity is the product of mass
flow and specific heat. Since the mass flows on both sides of the
heat exchanger are equal, and since the liquid specific heat of the
binary mixture is approximately 50% greater than the vapor, the
vapor is the limiting side of the heat exchanger. It has been
shown that the maximum benefit from the heat exchanger will occur
if the liquid-suction heat exchanger has an effectiveness of 100%

37



[1]. This implies that the exiting temperature of the limiting
vapor side be raised up to the temperature of the entering liquid.
In practice this is difficult to achieve because of the large heat
exchange area required and the possibility of an extremely high
compressor discharge temperature. In this experiment, the liquid-
suction heat exchanger effectiveness was 34% at the 35 ®C (95°F)
test condition.

38



ANALYSIS OF TWO PHASE LIQUID-SUCTION
HEAT EXCHANGE RESULTS

As was shown previously (see Figure 8) , allowing two phase low
pressure refrigerant to enter the liquid-suction heat exchanger
under the assumption of a constant evaporator pressure decreases
the average evaporation temperature. However, test results showed
that the average evaporation temperature actually increases. This
occurs because the constant evaporator pressure assumption is
incorrect for a system with a fixed area expansion device operating
at a constant source temperature. In Figures 20 and 21, the

BOTTOM CIRCUIT EVAP TEMP PROFILE

R22 + 34%R32/66%R134a o LL-SL HX (2 PHASE)

Figure 20 Bottom circuit With
and Without Two-Phase Liquid-

Suction Heat Exchange

TOP CIRCUIT EVAP TEMP PROFILE
35*C (95* F) COOUNG

Figure 21 Top Circuit With and
Without Two-Phase Liquid-

Suction Heat Exchange

evaporator temperature profiles are shown for R22 and the binary
mixture without liquid-suction heat exchange and for the binary
mixture with two phase liquid-suction heat exchange. The
performance increase of the two-phase liquid suction heat exchange
cycle for a fixed heat source temperature occurs because the
evaporation pressure is increased. Since the high side pressure is
fixed, the increased evaporator pressure causes a lower compression
ratio and higher suction density. Both of these factors increase
the system capacity and COP. The magnitude of the pressure
increase and change in suction density are shown in Table 8.
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TABLE 8. EFFECT OF TWO PHASE LIQUID-SUCTION HEAT EXCHANGER

R22
NO HX

34% R32/66% R134a
NO HX

34% R32/66% R134a
TWO PHASE HX

Pd 1824 1927 1931
kPa (psia) (264.5) (279.5) (280)

Ps 618 561 581
kPa (psia) (89.7) (81.3) (84.3)

Pb ,
24.5339 19.3295 19.8789

kg/m^
(Ib/ft^)

(1.5316) (1.2067) (1.2410)

TERNARY REFRIGERANT MIXTURE TEST

An additional test was conducted with a ternary mixture of 3 0%
R32, 10% R125 and 60% R134a by weight. Because of the performance
improvement shown by the liquid-suction heat exchanger for the
binary mixture, it was decided to test the ternary in a best
performance mode with the liquid-suction heat exchanger. The
ternary test results normalized by the R22 values are shown in
Table 9. The performance of the ternary mixture is essentially the
same as the binary mixture.

TABLE 9. NORMALIZED TERNARY PERFORMANCE

NORMALIZED
CAPACITY

NORMALIZED
COP

NORMALIZED
POWER

35*0
(95®F)

HX 2-0 0.950 0.887 1.071
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GENERAL CONCLUSIONS REGARDING THE USE OF MIXTURES IN
AIR-TO-AIR RESIDENTIAL HEAT PUMPS

Considerable work has been done to demonstrate the potential
improvement in performance possible when a zeotropic mixture is
used to match the temperature profile (glide) of the source and/or
sink [8,9,10]. The improvement in system performance with glide
matching occurs because of a reduction in the irreversibility
associated with heat transfer through a finite temperature
difference. A zeotropic mixture and counterflow heat exchangers
are necessary to derive the maximum performance benefit from glide
matching with a variable temperature source and sink. In a
residential cooling only unit, it may be possible to design an
indoor coil that approaches a pure counterflow arrangement.
However, because of the way most residential condensing units are
constructed it is likely that the outdoor coil will be in a nearly
pure crossflow arrangement. What then are the theoretical
performance implications of glide matching in a cooling only system
configured so that the indoor coil (evaporator) is in pure
counterflow and the outdoor coil (condenser) is in pure crossflow?

To gain a clear understanding of the concepts involved, the
problem can be examined by using CYCLEll with a simplified
representation of the crossflow condenser. By considering the
crossflow condenser to be an isothermal heat reservoir, the
fundamental limits of a perfect glide match in one heat exchanger
and a complete mismatch in the other can be examined. The
isothermal reservoir model for the condenser is analogous to a
condenser in any type of flow arrangement with a heat transfer
fluid (HTF) of infinite heat capacity. The two limits of the
simplified analysis are defined by a pure fluid and a zeotropic
mixture with the same linear glide as the HTF of the counterflow
evaporator. The pure refrigerant limit has a perfect glide match
in the isothermal reservoir condenser and an extreme mismatch in
the counterflow evaporator. The other limit is set by a zeotropic
mixture that has a perfect glide match in the counterflow
evaporator and an extreme mismatch in the isothermal reservoir
condenser. The temperature glide of the evaporator HTF will be
fixed by the application of residential cooling at 11.1®C (20®F)
(from 26.7«C (80®F) to 15.6®C (60®F)).

At this point, a comment should be made regarding the ability
of a refrigerant to match a 11.1®C (20®F) temperature glide in the
counterflow evaporator. Since this is a significant glide, a
binary refrigerant mixture would have to be composed of two pure
components that are far apart in their normal boiling points.
However, this also implies that the temperature glide will be
highly nonlinear. Since CYCLEll presumes that the temperature
glide of the HTF is linear (a valid presumption since even air with
condensation is approximately linear) , glide matching with a highly
non-linear refrigerant may be difficult for an air-to-air system.
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The temperature glide of a binary mixture may be linearized by
the addition of a third component whose normal boiling point is in
between the other two. Therefore, the ternary mixture used in this
CYCLEll analysis was selected only on the basis of it having a
linear temperature glide that matched the residential cooling
application HTF glide of 11.1®C (20°F) . The extent of the non-

TWO PHASE QUDE

Figure 22 Linearization of Binary Mixture Glide by the
Addition of a Third Component

linearity for a binary mixture with pure components far apart in
normal boiling point and the ability of a third component to
linearize the temperature glide is shown in Figure 22. The figure
shows a binary mixture of 87% R22/13% Rll along with a linear
ternary consisting of 45% R22/45% R142b/10% Rll. An additional
line for the mixture of 34% R32/66% R134a is shown to demonstrate
that a binary mixture can be linear if the components normal
boiling points are not too far apart.

To ensure that the comparisons were legitimate, all runs with
the model were conducted to have the total UA per unit capacity
(UA^/Qe) equal to 0.2. This value is not meaningful in itself and
was arbitrarily chosen to provide a basis for the comparisons.
Although the criterion UAt/Qe=0.2 provides a basis for comparing
the two refrigerants, it is not enough to completely specify the
terms of the comparison because it leaves unanswered the question
of how the total UA should be distributed between the two heat
exchangers. This extra degree of freedom is handled by plotting
the results for COP versus the UA distribution. The UA
distribution is defined as the fraction of the total UA (evaporator
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plus condenser) in the evaporator (UAe/UAt)

.

The results for the simplified condenser representation are
shown in Figure 23 for pure R22 and a linear ternary of 45% R22/45%
R142b/10% Rll. The figure shows that glide matching in the
counterflow evaporator with a linear mixture gives a higher COP
than the pure fluid for UAe/UAt greater than 0.3. Additionally,
the difference in COP between the linear mixture and the pure fluid

Figure 23 Variation of COP With Figure 24 COP Difference of the
UA Distribution for the Two Glide Match Limits for the

infinite Heat Capacity Infinite Heat Capacity
Condenser HTF Model Condenser HTF Model

increases as the ratio of UAe/UAt increases. This is shown in
Figure 24 where the difference between the COP for the mixture and
the COP for R22 is plotted against the UA distribution. Figure 23
also shows that the optimum UA distribution is very near to 0.5
despite the fact that the condenser heat duty is greater.

The variation of COP with UA distribution is determined by the
cycle total irreversibility at each UA distribution. The total
irreversibility can be quantified with respect to magnitude and
origin by examining the entropy generated in each system component
at each UA distribution. Since the compressor was modelled as
isentropic and there are no pressure drops, the only sources of
entropy generation are the expansion device, evaporator and
condenser. The component and total entropy generation for R22 and
the linear ternary of 45% R22/45% R142b/10% Rll is shown in Figures
25 and 26, respectively. The entropy generated by the expansion
process is nearly identical in both figures. The heat exchanger
entropy generation (evaporator and condenser) also exhibits the
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Figure 25 R22 Component Entropy Generation for the Infinite
Heat Capacity Condenser HTF Model

Figure 26 Linear Ternary Component Entropy Generation for the
Infinite Heat Capacity Condenser HTF Model
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same behavior with the variation in UA distribution in both
figures. The two figures differ only at the extreme endpoints of
the UA distribution. As expected, the entropy generation in the
condenser is smallest when the condenser is large (UAg/UA-j. is
small) and the isothermal phase change of the pure fluid matches
the isothermal profile of the condenser HTF. Conversely, the
entropy generated in the evaporator is the least when the
evaporator is large (UA^/UA^ is large) and the linear ternary glide
matches the linear glide of the evaporator HTF. The increase in
COP of the ternary mixture over pure R22 shown in Figure 23 occurs
because the total entropy generated is lower for the mixture as
UAe/UAt increases.

The second method of representing the crossflow condenser used
a version of CYCLEll which was modified to simulate crossflow or
counterflow heat exchangers. In this case, the HTF glide for both
the evaporator and condenser must be specified. The glides were
again set by the application of residential cooling at 11.1®C
(20®F) (from 26.7®C (80®F) to 15.6®C (60®F)) for the evaporator and

Figure 27 Variation of COP With
UA Distribution for the
Crossflow Condenser model

UAe/UAt

34% R32/86% R134a + 87% R23/13% R11 O ternary

Figure 28 Difference in COP
Between Each Mixture and R22
for Crossflow Condenser Model

8.3®C (15®F) (from 35®C (95®F) to 43.3®C (110®F) ) for the
condenser. The results for the CYCLEll model of crossflow are
presented in Figure 27 as a plot of COP versus UA distribution.
Similar to Figure 24, the difference in COP between each fluid and
R22 is shown in Figure 28. In addition to the limiting glide match
fluids R22 and the linear ternary, the binary mixtures of 34%
R32/66% R134a (5.6®C (10®F) glide) and 87% R22/13% Rll (11.1®C
(20®F) nonlinear glide) are also shown in figures 27 and 28. As
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expected the temperature glides of these fluids causes them to
perform in between the two limiting cases. The component entropy
generation plots for the realistic CYCLEll crossflow representation
are similar to those of the simplified condenser model and are not
shown

.

The preceding analysis shows that for an air-to-air unit with
a counterflow evaporator and a crossflow condenser, with RTF
temperature glides fixed by the application of residential cooling,
the use of a zeotropic mixture to match glides in a counterflow
evaporator is beneficial to performance. Converting the results of
Figure 28 to a percentage basis shows that the COP of the linear
ternary is 6.4% higher than R22 at UAe/UAt=0.5. The difference is
even more pronounced as UAe/UAt increases. At UAe/Uat=0.8 the
linear ternary COP is 11.6% higher than R22.
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APPENDIX A

UNCERTAINTY ANALYSIS OF STEADY STATE HEATING TEST

If we consider the result R to be a function of n independent
variables V

2 / . . . / each of the independently measured
variables has an uncertainty AV2 , . . . , then the
uncertainty in the result AR is given by:

AR = dR ' dR
5v^

+ aR
5^

(1)

This equation can be nondimensionalized to express the uncertainty
on a percentage basis by dividing through by R.

AR 3r AVil^ ^
pR AVj 2

^ ^ 3R 2

R R R ^ R

When written in a form analogous to ASHRAE Standard 116-1983, the
equation for the steady state heating capacity Qjj (kW) is:

Qh = /2 • c • A (CPa + cp„ • Wn) (T2 Ti)
Ps Pn

(1 +
(3)

where

:

C = nozzle discharge coefficient - 0.99
A = nozzle throat area - m^

= nozzle humidity ratio - kg H20/kg da
T2 -T]^ = indoor coil air temperature rise - ®C

Pg = static pressure drop across nozzle - Pa
Pjj = nozzle throat absolute barometric pressure - Pa
R = ideal gas constant for air - 286.987 J/kg-K
Tj^ = nozzle throat air temperature - K

Cpg = specific heat of air - 1.005 kJ/kgjjg-®C @ 300K
= specific heat of water - 1.8629 kJ/kg„-®C @ 300K

Calculate the required partial derivatives:

dQa/dh
^ 1

Qh
' A

5Qh/3w^

Qh CPw

W, + cp„
CPa
~2~

Wn + (CPw + CPa) + Cpg
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1dQu/BCT2 - Ti)

Qh ’^2

BQh/^Pb _ 1

- Ti

2P.Qh

dQn/dPn _ 1

2P,Qh

3Qh/5T„ _ -1

Qh 2 T,

Rewriting Equation (2) for AQ^/Qh gives:

raQH/3A 2
+

rdOn/dW
” AW

Qh Qh Qh
. ..

3Qh/ 3(T2 - Ti)

Qh
A(T2 - Ti)

2 {dQa/BP^

Qh
AP.

f3QH/3P„ 1
2

+
[3QH/aT„

1

2

Qh Qh

1 1/2

( 4 )

Equation (4) can be evaluated to give the uncertainty in Qjj as a
percentage of the experimental value for provided that each of
the individual uncertainties are known. Since (T2-T2 ) , Pg, P^
and Tjj are all directly measured (quantities their respective
uncertainties are known. However, is a calculated result so the
uncertainty in must first be calculated from Equation (1) .

The expression for the humidity ratio is

Wn 0.62198

where

:

P = absolute barometric pressure - Pa
P„ = saturation pressure of water at the dewpoint

temperature - Pa

P is a directly measured result but P„ is another calculated
result. The expression for P„ (valid from 0®C to 200®C) is
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EXPPw ^ + C, + Cio Td + Cii * Ci2 tJ + Ci3 In (Tj)

where

:

Tjj = dew point temperature - K
Cq = -5.800 220 6 E 3

Cg = 1.391 499 3

Cio = -4.864 023 9 E - 2

= 4.176 476 8 E - 5

Ci2 = -1.445 209 3 E - 8

0^3 = 6.545 967 3

Therefore, the uncertainty in P„ can be evaluated from Equation
(1). The required partial derivative is:

—A + C30 + C33 Td + 3 Ci2 Td
Td

Pw

Therefore, the uncertainty in Pw (APw) is given by

1/2

AP„ =
apw
'W,

A T,
ap

5f;
w A T,

(5)

the necessary measured values and uncertainties from the 8.33®C
(47 ®F) R22 heating test are

P„ = 1382.4 Pa
Td = 284.93 K

ATd = ±0.15®C< (manufacturer specified uncertainty)

evaluating Equation (5) yields

AP„ = ±11.23026 Pa

The uncertainty in can now be evaluated. From the expression for
Wjj the required partial derivatives are

aw„

JF 0.62198
Pw

(P - Pw)^

aw

'Wp

n

w
0.62198 1

(p - p„)2
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therefore, the uncertainty in Wj^ is given by

AW„ =
aw.

5F AP .
'‘2

“ AP
w

1/2

( 6 )

the necessary measured values and uncertainties from the 8.33®C (47
®F) heating test are

P = 99661.9 Pa
P„ = 1382.4 Pa

AP = ±45.72 Pa (manufacturer specified uncertainty)
AP„ = ±11.23026 Pa (calculated result)

Evaluating Equation (6) yields

AWj^ = ±7.21873 E-5 kg H20/kgjj^

Using the data from the 8.33®C (47®F) R22 heating test, Equation
(4) can now be evaluated. The necessary measured values are:

A = 0.012871 m^
Wjj = 0.008749 kg H20/kgda

T2
- = 15.94 ®C (measured by thermopile)

Pg = 75.678 Pa
Pn = 99586.2 Pa
Tn = 310.1 K

The uncertainties are:

A(T2

AA
AW„

- Ti)
APg

at..

= ±5.0 E-5 m^ (k=3 std. deviations of the mean)
= ±7.21873 E-5 kg H20/kgjjg (calculated result)
= ±0.28 ®C (complies with ANSI/ASHRAE Std. 41.1-1986)
= ±2.48 Pa (manufacturer specified uncertainty)
= ±45.72 Pa (manufacturer specified uncertainty)
= ±0.28 K (complies with ANSI/ASHRAE Std. 41.1-1986)

The uncertainty of a temperature difference would normally be
greater than that of a single measurement. For thermocouples, the
uncertainty of the difference is larger because there are two
voltage measurements required. If a thermopile is used instead,
then only one voltage measurement is required. Therefore, the
error of a thermopile is equal to a single absolute temperature
measurement. Evaluating the partial derivatives and substituting
into Equation (4) yields:

AQh

Qh
0.024 = 2.4%
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APPENDIX B

UNCERTAINTY ANALYSIS OF STEADY STATE COOLING TEST

The equation for steady state cooling capacity, Q^, (kW) is:

Qc “ Qs Ql

where

:

Qg = sensible cooling capacity (kW)

Ol = latent cooling capacity (kW)

The uncertainty in is given by eq. (1) as:

AQc

since dQ^^/dQ^ = 3Qc/3Ql = 1

AQc = [ (AQs)2 +

( 8 )

( 9 )

• When written in a form analogous to ASHRAE Standard 116-1983, Qg
and Ql are given by:

Qg = >/2 • C • A [CPa + Cp„ W] (T2 T,)
P P n/2

R T„ (1 + W„)
( 10 )

This equation is the same as the steady state heating capacity
given by Equation (3) . Therefore, the uncertainty in Qg is given
by Equation (4)

.

AQs

Qs
0.024 ( 11 )

Ql =
p p

^9 R Tn (1 + Wn)

1/2

(Wr - W„) ( 12 )

where

:

Wj. = room humidity ratio
Wjj = nozzle humidity ratio
hfg = latent heat of water - 2465.9 kJ/kg @ 15®C
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The required partial derivatives are:

aoL

Th 'fg

P P

RT„ (1 + WJ
1/2

(Wr - Wn)

^Ql ^ ^
^p; 2

C • A ^fg
Ps R Tn (1 Wn)

1/2
W,

. c . A . h
sp; 2

SQl .
jt:

fg

1/2

C • A • h

PnRT„ (1 + W„)

1/2

[Wr - W„]

fg

2 T 372

p p-*^11

R (1 + Wn)
[Wr - W^]

^=/F.c.a. ^fg

P P

R T„ (1 + W„)

1/2

5Ql -a/F « , .

-1-— = — • c • A • hfa
'Pb Pn' 1/2 2 + Wj. + Wn

_RTn_ (1 W„)3/2

Rewriting Equation (1) for AQl gives

aJ
2

A 1

2
[^Ql a 1

2
[^Ql aN 1

+ ^ ap5^ "
+ ^ AD

"J

+ ^ ATW "
1/ An

. ..

1/2
2 0H

2
+ AW^ +

[^: ""-j

( 13 )

The necessary measured values from the 35 ®C (95 ®F) cooling test
are:

A = 0.012871 m^
Pg = 74.365 Pa
Pn = 100068.9 Pa
Tn = 288.9 K
Wj. = 0.011362 kg H20/kg da

= 0.009826 kg H20/kg da

Qg = 1.918 kW
Ql = 0.637 kW
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The estimated uncertainties are (see appendix A for source)

:

AA = ±5.0 E-5 m^
APg = ±2.48 Pa
AP^ = ±45.72 Pa
ATn = ±0.28 K
AW^ = AWj^ = ±7.21873 E-5 kg H20/kg da

Evaluating the partial derivatives and substituting into Equation
(13) yields:

AQl = 0.0442 kW

Expressing the uncertainty as a percentage of gives

= 0.0442 ^ 0.0694 = 6.94%
Ol 0.637

From Equation (11)

AQs = 0.024 (1.918 kW) = 0.046 kW

From Equation (9)

AQc = [ (0.046) 2 + (0.0442) 2] 1/2 = 0.0638 kW

Expressing the uncertainty as a percentage of Q^, gives

AQc

Qc

0.0638
1.918 + 0.637

= 0.025 = 2.5%
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